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Abstract
Continuously increasing energy standards have driven the need for increasing the
efficiency of buildings. Most enhancements to building efficiency have been a result
of changes to the heating/cooling systems, improvements in construction materials,
or building design code improvements. These approaches neglect the way in which
air is dispersed into individual rooms or in a building - i.e., the ducting system. This
opens up the possibility of significant energy savings by making ductwork systems
lighter and better insulating while ensuring cost effectiveness.
The current study explores this idea by comparing the performance of conven-
tional ductwork with recent advancements in fabric-based ductwork. We focus on
the transient behavior of an on/off control system, as well as the steady state be-
havior of the two ductwork systems. Transient, fully three dimensional validated
computational (CFD) simulations are performed to determine flow patterns and
thermal evolution in rooms containing either conventional or fabric ductwork. This
analysis is used to construct metrics on efficiency. A number of different flow rates
are examined to determine the performance over a range of operating conditions.
Transient finite volume simulations consisted of over 13 million degrees of freedom
for over 10,000 time steps. The simulations utilized HPC (High Performance Com-
puting) for the large scale analysis.
The results conclusively show that fabric ducting systems are superior to the
conventional systems in terms of efficiency. Observations from the data show that
fabric ducting systems heat the room faster, more uniformly, and more efficiently.
The increase in performance demonstrates the potential benefits of moving away
from conventional systems to fabric systems for the construction of green buildings:
particularly in conjunction with adaptive control systems.
Key words: Green buildings; ductwork; thermal management; computational fluid
dynamics; high performance computing; fabric ducting;
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1 Introduction
The design of efficient building systems is necessary for meeting increasing
energy standards. This trend pushes designers to create green buildings. Nu-
merous strategies are available for increasing the energy efficiency of buildings:
energy collection systems such as solar power cells can decrease the energy load
in the building [12], solar water heating systems can preheat water to cover
a large fraction of the heating demand [31], and materials such as aerogels
and phase change materials (PCMs) can help increase the thermal resistance
of building envelope components [14,15]. Control and supervision of heating
ventilation and air conditioning (HVAC) systems can optimize the task of ef-
ficiently moving the energy through the building [4,29]. In addition, architec-
tural design can create spaces that are both aesthetically pleasing and energy
efficient [2]. Each of these approaches have aided in decreasing the amount of
energy needed to operate green buildings.
Most energy saving systems used in green buildings have neglected a significant
component of HVAC systems, the ductwork system. Conventional ductwork
systems comprised of sheet metal ductwork and diffusers have a number of
features that can adversely affect their performance. The conduction of heat
through the sheet metal leads to a loss in energy as the air is dispersed in
the building. Coatings can be added to the ductwork to make them less con-
ductive, but the coatings lead to additional costs in the system. Moreover,
the ductwork is heavy, and needs extra parts for support. Most importantly,
the non-homogeneous nature of the airflow generated by diffusers leads to
non-uniformities in heating/cooling causing discomfort. Finally, placement of
conventional diffusers becomes a significant design decision in the effort to
minimize local hot/cold spots and unpleasant drafts within the space.
Recent advances in ductwork technology has shown promise towards enhanc-
ing building efficiency. Figure 1(b) shows a ventilation system where an insulat-
ing fabric ductwork has been used to transport air to desired locations within
the building, thus limiting energy loss to non-desirable areas and eliminating
the need for a coating to make the ductwork less conductive. Furthermore, the
fabric weighs much less than conventional sheet metal ductwork, removing the
need for extra parts for support and further reducing costs. Along the length
of the ducting, a series of strategically placed holes disperses the air uniformly
throughout the desired space 2 .
1 Corresponding author: Ganapathysubramanian, Fax: 515 294-3261, Email:
baskarg@iastate.edu, URL: http://www3.me.iastate.edu/bglab/
2 The number and size of holes placed in each desired room affects the power
and static pressure required by the fan to a small extent. However, in multi-room
buildings the fan power used will depend more on the major and minor losses of
the ducting system that reaches the individual space rather than the specific air
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In addition to the general benefits of fabric ducting, fabric ducting aims to-
ward producing uniform and low-draft air supply in the desired space. Recent
technology trends such as stratum ventilation (SV) and personal ventilation
(PV) strive to create such a personalized local climate for medium and small
room sizes. Personal ventilation provides a tailored environment for each in-
dividual, for each individual has their own sensitivity to air movement or air
quality [19]. In personal ventilation, an individual trying to increase the air
quality can be strongly affected by a turbulent jet provided by the PV sys-
tem [23]. Similarly, stratum ventilation creates a layer of fresh air within the
breathing zone of the occupants [28]. The attention to the breathing zone in
SV systems provides better indoor air quality, but can still suffer from the
effects of uncomfortable drafts from turbulent jets. Fabric ducting can be nat-
urally incorporated into the PV and SV systems to provide the necessary
uniform quality airflow required by the occupants without the negative effects
of turbulent high-draft jets.
The positive aspects of fabric systems directly improve upon the drawbacks
of conventional sheet metal diffuser systems. Currently, limited data is avail-
able to evaluate either type of system with respect to air coverage and ther-
mal performance. The present work consists of numerical simulations that
directly compare conventional ceiling diffuser systems and fabric systems to
quantify the increase in performance of the fabric systems in both the initial
transient period and steady state operating conditions. Three dimensional,
full-scale, time-varying realistic simulations have been performed to allow for
direct comparisons. The simulations show the time evolution of the tempera-
ture field within the rooms. The simulations provide qualitative observations
that can aid in future design decisions, in addition to quantitative data that
provide a direct measure of the performance and comfort level of the room
through time.
2 Problem definition
The problem the present work seeks to address is to compare fabric-based
ductwork to conventional sheet-metal ductwork quantitatively based on mea-
sures of efficiency. The physical space being studied represents an individual
office space or a bed room. The simulations performed represent a room that
has been unattended during the night, which is typical for an office space. At
a given time in the morning the heating system is turned on in anticipation for
another working day. Metrics for efficiency (and comfort) include mean and
standard deviation of both air speed and temperature, the amount of power
absorbed by the room, the Air Distribution Performance Index (ADPI), and
distribution mechanism within an individual room.
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the energy used and time taken to heat the room to an average temperature
of 290.94 Kelvin.
The simulations are performed in a 2.43 m × 2.43 m × 2.43 m [8 ft × 8 ft ×
8 ft] domain, which is a typical configuration in office spaces. The air outlet is
placed on the ceiling for a worst case scenario in which the return air outlet
is near the inlet. The outlet was offset 0.61 m [2 ft] in the x-direction, and has
dimensions of 0.30 m x 0.30 m [1 ft × 1 ft]. The inlet for the diffuser is placed
on the ceiling in the center of the domain (Fig. 2 (a),(b)), and the inlet for
the fabric ductwork is placed on the side wall (Fig. 2 (c),(d)).
For the fabric ductwork system, the air flow travels through the ducting tube
until the air reaches the edge of the domain in the z-direction where another
wall is encountered. The air is forced through 7 pairs of 2.54 cm [1 in] diameter
holes spaced 0.30 m [1 ft] apart. The tube’s center is 2.13 m [7 ft] above the
floor. In the case of the conventional system, the diffuser inlet is 15.24 cm [6
in] in diameter. The bottom of the diffuser is 55.88 cm [22 in] long in both the
x and z directions, and protrudes downward 15.24 cm [6 in] into the domain.
The flow patterns and thermal evolution in each room are simulated for dif-
ferent flow rates (shown in Table 3) to quantify performance and efficiency.
The flow rates correspond to multiples of ASHRAE’s minimum required flow
rate for an office space. The room and the walls are heated from an initial
temperature of 288.67 Kelvin [60 F] by an inlet air supply at 299.56 Kelvin
[80 F]. The walls are maintained at the initial temperature of the room.
3 Simulation Methodology
3.1 Basic Equations
The basic equations describing the thermo-fluid phenomena are the Navier-
Stokes equations, conservation of mass, and conservation of energy. Variables
used in subsequent developments are defined in Table 1. Note however that
these basic equations have to be augmented with aspects of buoyancy, com-
pressibility, and turbulence, which are discussed in the subsequent sections.
3.2 Compressibility and Buoyancy
Air flow can be considered incompressible if the velocities within the room are
sufficiently small. The Mach number provides a gauge on the significance of
compressibility effects, and if the Mach number is less than 0.3 the flow can
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be considered incompressible [6]. The Mach number was calculated using the
equation [6], Ma =
√
uiui
c
. Posteriori processing revealed that the incompress-
ible assumption is valid.
Typically, air flows in buildings are driven by both inertial and buoyancy
forces. Buoyancy forces have a large effect on fluid flow within buildings. The
buoyancy forces can be approximated by the Boussinesq approximation if the
density changes linearly with temperature through the operating tempera-
ture range. The Boussinesq approximation is added as a force term to the
y-component of the conservation of linear momentum equation as
fy = −ρgyβ (T∞ − T ) (1)
We ensured that the Boussinesq assumption is strictly valid in the temperature
range [6] used in all the simulations.
3.3 Turbulence Modeling
The inlet Reynolds numbers for both systems for all flow rates are in the tur-
bulent range. An appropriate choice of the turbulence model is key to ensuring
accurate solutions. The k - ε model is a simple, computationally inexpensive
turbulence model, and has been shown to have the largest range of applica-
bility. The k - ε model is a Reynolds Averaged Navier-Stokes (RANS) model.
The model assumes that the flow is composed of a mean flow component and
a fluctuating component (u = u¯ + u˜)[22]. The turbulent Reynolds stresses and
the turbulent heat fluxes are resolved by the eddy-viscosity concept [3]. The
governing equations are:
Conservation of Linear Momentum
ρ
(
∂u¯m
∂t
+ u¯i
∂u¯m
∂xi
)
=−
∂p¯
∂xm
+
∂
∂xm
[
(µ+ µT )
(
∂u¯j
∂xi
+
∂u¯i
∂xj
)]
− ρgyβ
(
T¯∞ − T¯
)
(2)
Conservation of Mass
∂ρ
∂t
+
∂
∂xi
(ρu¯i) = 0 (3)
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Conservation of Energy
∂
∂t
(
ρcpT¯
)
+
∂
∂xi
(
ρcpu¯iT¯
)
=
∂
∂xi
[(
α+
cpµT
σt
)
∂T¯
∂xi
]
(4)
The turbulent viscosity term is dependent on two parameters k and ε, the
turbulent kinetic energy and turbulent dissipation, respectively [22],
ε =
Cµρk
2
µT
and k =
1
2
(u¯iu¯i) (5)
where Cµ is an empirical constant. The addition of the two parameters requires
two more equations to solve the system of equations. The two additional equa-
tions are the transport equations for k and ε, where σk, σε, C1, and C2 are all
empirical constants.
∂
∂t
(ρk) +
∂
∂xi
(ρkui) =
∂
∂xi
(
µT
σk
+
∂k
∂xi
)
+ µT
(
∂ui
∂xj
+
∂uj
∂xi
)
∂ui
∂xj
− ρε− gβ
µT
σt
∂T
∂y
(6)
∂
∂t
(ρε) +
∂
∂xi
(ρεui) =
∂
∂xi
(
µT
σε
+
∂ε
∂xi
)
+C1
ε
k
µT
(
∂ui
∂xj
+
∂uj
∂xi
)
∂ui
∂xj
− C2ρ
ε2
k
−C1g
ε
k
β
µT
σt
∂T
∂y
(7)
The system of equations can then be solved simultaneously for pressure, tem-
perature, turbulent kinetic energy, turbulent dissipation, and velocity in the
x, y, and z directions.
3.4 Boundary Conditions
All of the walls (i.e. the four side walls, the ceiling, and the floor), the diffuser,
and the tube had no slip conditions applied for the velocity. All the walls
were maintained at 288.67 Kelvin. The outlet was a 0 gauge pressure outlet.
Conduction through the diffuser and tube was neglected in these simulations.
To test the performance of the different systems at different flow rates, the inlet
volumetric flow rate was varied according to Table 3. The smallest flow rate
was chosen based on the minimum flow rate for a bedroom/living room/office
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space for two people occupying a space of this size from ASHRAE design
standards [9]. The flow rate was increased to approximately 2, 5, 10, and 21
times the minimum flow rate. The inlet flow temperature was held constant
at 299.56 Kelvin.
3.5 Domain Discretization
The numerical approach to solving these equations begins with a finite volume
discretization of each domain. The domains for both the diffuser and the fabric
ducting system have relatively complex geometry. This geometry leads to large
velocity gradients in some parts of the domain and small velocity gradients
in other parts of the domain. Therefore, to save on computational time and
computer memory, an adaptive meshing technique was used to place a higher
density of elements near the diffuser, the fabric tube, and the outlets, while a
smaller element density is used near the center and edges of the domain.
3.6 Solution Procedure
The commercial CFD software Fluent [1] was used to solve the coupled set
of governing equations. The momentum, turbulent kinetic energy, turbulent
dissipation rate, and energy equations were solved using second order spatial
upwind methods. The transient formulation used a first order implicit algo-
rithm. The time step for each simulation was chosen by satisfying the CFL
(Courant-Friedrichs-Lewy) number (using the cubed root of the smallest ele-
ment volume for the smallest distance). The calculation of the diffusion terms,
the velocity derivatives, and the construction of scalar values at the cell faces,
was done by a Least Squares Cell-Based method. The properties of air were
taken at an average temperature between the inlet and the outlet.
3.7 High Performance Computing
The domains were discretized into roughly 0.5 million elements, 1 million ele-
ments, and 2 million elements to check for numerical convergence (see Section
3.8). All results shown in this paper are from the finest resolution simulations.
For each element, residuals for the x velocity, y velocity, z velocity, continuity,
energy, k and ε were computed. The number of degrees of freedom (DOF) in
the simulations ranged from 3.5 - 14 million for each time step over 10,000
time steps. High Performance computing (HPC) was used to solve the large
number of DOF. Computational time on a HPC cluster ABE through the Na-
tional Center for Supercomputing Applications (NCSA) [13] was utilized for
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these simulations. The cluster enabled the simulations to be run at a much
more efficient rate, and allowed more than one simulation to be run at one
time.
3.8 Verification and Validation
We perform verification and validation to ensure the accuracy of our simula-
tion in four steps. First, the CFD model is checked with experimental results
to ensure that the model reproduces the turbulent jet characteristics near the
diffuser and fabric ductwork inlets. Next, the wall shear stresses produced are
checked to ensure validity of not using any special wall functions. Subsequently,
we ensure that the airflow and turbulent statistics far from the inlet jet region
are accurately captured using this CFD model in a full scale building simula-
tion. Finally, a comprehensive convergence analysis was performed for three
different grid/mesh densities and resolutions that ensures spatial accuracy of
the results. We detail each of these steps below.
(1) The air flow near the diffuser and fabric ductwork inlets can be charac-
terized as turbulent jets 3 . Proper resolution of this jet region is essential,
for inaccuracies are propagated downstream to the rest of the domain.
We have extensively studied and evaluated RANS models of turbulence
for the near-wake, intermediate-wake, and far-wake regions of a turbulent
jet. The CFD model validation in the three different wake regions have
been done in our previous work, in particular the experiments and simu-
lations conducted by Liu et al. [18] and Feng et al. [10] which investigate
the performance of the k - ε model against PIV and PLIF experiments at
different downstream locations of a turbulent jet. The results from Liu et
al. [18], establish that the k - ε model replicate with excellent agreement
the streamwise velocity, turbulent kinetic energy, and turbulent dissipa-
tion of the turbulent jet. The results from Feng et al. [10] ensure that
as the turbulent jet propagates downstream, the k - ε model maintains
accuracy with the streamwise velocity.
(2) The k - ε model accurately approximates the velocity and heat transfer
within the boundary layer near a solid boundary when the wall shear
stresses produced by the turbulent flow are low when compared with the
maximum shear stress in the domain [3]. In the current simulations, the
maximum shear stress produced at the wall was 0.038 Pa for the diffuser
system and 0.074 Pa for the fabric system. The maximum shear stress at
the jet exits were 0.33 Pa for the diffuser system and 0.91 Pa for the fabric
3 The scale of the jets for each case occupied less than 1.1% by volume of the
domain based on the velocity decreasing by 90% from the maximum. However, they
bring in most of the turbulent kinetic energy into the domain.
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system. Since the shear stress was significantly small near the walls, the
k - ε model performs well and no special wall functions are needed.
(3) The use of RANS models (specifically the k - ε model) to simulate non-
isothermal and isothermal airflow within full scale buildings have been
rigorously validated using PIV based experiments [26,27] performed re-
cently. The experimental and computational studies from H. Sun et al.[27]
show that over 70% of the velocity field (far from the inlet jet region) is
accurately represented by the k - ε model when compared to the PIV
results. We utilize the same implementation to ensure accurate charac-
terization of the flow field far from the inlet jet region.
(4) Three sets of increasingly refined meshes were generated to perform con-
vergence tests. Table 2 shows the number of degrees of freedom in each
domain for the convergence test. The conventional system and the fabric
system were simulated on three increasingly resolved discretized domains,
consisting of approximately 0.5 million elements, 1 million elements, and 2
million elements. The convergence analysis was performed for the largest
flow rate. Achieving convergence at the maximum flow rate also ensured
that the discretization for lower flow rates were spatially converged. The
error is reported in terms of the L2 norm error
L2(x) =
√∑n
i=1 |xi − x
(ideal)
i |
2√∑n
i=1 |x
(ideal)
i |
2
(8)
where x is the quantity of interest which are: the mean and standard
deviation of the temperature field, the mean and standard deviation of
the air speed in the room, and the amount of power being absorbed by
the room. The L2 error was calculated using the solution on the finest
resolution grid (2 million element discretization) as the resolved (ideal)
solution. A small value of the L2 norm error indicates that the solutions
do not change with improving resolution thus representing convergence.
Table 4 displays the L2 error in the results.
3.9 Metrics of Comparison: Comfort and Efficiency
To help quantitatively compare the performance of the two systems, we uti-
lized a set of metrics that represent notions of efficiency. One set of metrics
used was the time evolution of mean and standard deviation for the tempera-
ture and velocity fields. The mean and standard deviation of the temperature
field gave information on how quickly and homogeneously the room was heat-
ing. The air speed mean and standard deviation gave information on the extent
of the ”draftiness” of the room. A weighted volume average was used for the
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mean and standard deviation (due to the non-uniform discretization of the
domain).
φT =
n∑
i=1
Ti
Vi
VT
and σT =
√√√√ n∑
i=1
Vi (Ti − φT )
2 (9)
where φT is the mean of the temperature field, Vi is the volume of cell i, VT
is the total volume (VT =
∑n
i=1 Vi), n is the number of cells, and σT is the
standard deviation of the temperature field. We similarly define the mean and
standard deviation of the velocity field.
φu =
n∑
i=1
ui
Vi
VT
and σu =
√√√√ n∑
i=1
Vi (ui − φu)
2 (10)
where φu is the mean of the velocity field, and σu is the standard deviation of
the velocity field.
The power that is absorbed by the room is expressed in terms of the rate of
change of the mean temperature of the room.
E˙absorbed = ρVT cp
dφT
dt
(11)
The total energy absorbed is computed by integrating the area under this
(power absorbed vs time) curve.
In order to gain a quantitative sense of the comfort of the room a common
metric is the Air Distribution Performance Index (ADPI). The ADPI is the
percentage of the occupied zone that satisfies the requirements of the effective
draft temperature and local air velocity. The effective draft temperature is a
balance between thermal and convective comfort.
θ = (tx − φT )− 0.07(Vx − 30) (12)
where θ is the effective draft temperature, tx is the local air temperature (F),
and Vx is the local airstream velocity (fpm). An individual location within a
room is deemed comfortable if the effective draft temperature is between -3
and +2 degrees Fahrenheit and the local air velocity is less than 70 feet per
minute [21]. Therefore, in a room the higher the ADPI the more comfortable
the room.
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4 Results and Discussion
The simulations for both domains (diffuser and fabric ductwork) were per-
formed for a cube shaped room with a volume of 14.35 m3. The simulated
flow rates were 21, 10, 5, 2, and 1 times the ASHRAE recommended mini-
mum flow rate for a small room with two people occupying the space [9]. The
performance of the diffuser and fabric systems were first directly compared at
the largest flow rate. The other flow rates (10, 5, 2, and 1 times the minimum
flow rate) were compared against the largest flow rate for each system. The
comparison of the systems included an evaluation of the performance in terms
of efficiency metrics. The metrics used include (a) the mean and standard de-
viation of the temperature field within the room, (b) the mean and standard
deviation of the air speed within the room, (c) the time taken to increase the
mean temperature of the room to a more comfortable level, (d) the amount of
power being absorbed by the room over time, and (e) the power necessary and
the time required to raise the temperature of the room to a more comfortable
level.
4.1 Flow Rate Analysis: Throw Diffuser
The diffuser system was simulated for five different flow rates as shown in
Table 3. Each simulation computed the thermal and flow field evolution in the
domain for a real-time duration of t = 50 seconds. Figure 3 shows iso-contours
of temperature for the diffuser system at t = 50 seconds for the minimum flow
rate recommended by ASHRAE, and also at 21 times the minimum flow rate.
From Fig. 3, it is apparent that the minimum flow rate does not produce
enough flow to actually heat the room. The warm air that is brought into
the room stays along the ceiling never penetrating to the lower regions of the
room. For the largest flow rate tested, shown in Fig. 3(d), the diffuser system
was able to force the warm air far enough into the room so the entire room
could be heated.
As the flow rate was increased, all but one of the metrics (mean room temper-
ature, mean air speed, STD of air speed, and power absorbed by the room)
also increased, which can be seen in Figs. 4(a), 5, and 6. The increase in all the
metrics aids in the increase of the power absorbed by the room, as seen in Fig.
6 4 . The trend of increasing metrics occurred for all the metrics except for
the temperature standard deviation of the room, as can be seen in Fig. 4(b).
When the results of Fig. 4(b) are coupled with Fig. 3 the conclusion can be
drawn that the mode shift seen in the temperature standard deviation could
4 For the flow rates chosen, higher flow rates resulted in an increase in the efficiency
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be attributed to the increase in heating and mixing within the room. The in-
crease in mixing causes the temperature standard deviation to decrease, thus
resulting in a more homogeneous temperature distribution within the room.
The continuous stream of fresh air ensures that there is reasonable recircula-
tion of stale air. The focus of the simulations are in the transients when the
room is first heated. At this time the rooms are assumed to be unoccupied.
Hence, the IAQ (Indoor Air Quality) is not affected since the quality of the
air coming into the room is assumed to be the same as the air in the room
at the initial condition. The decrease in temperature standard deviation is a
desired outcome and suggests a more homogeneously heated room.
The effects of the increase in mixing can also be seen in Fig. 5(a), where
the mean air speed of the room increases dramatically between 10 times the
minimum flow rate and 21 times the minimum flow rate. The large increase
in velocity in Fig. 5(a), the temperature standard deviation mode shift in
Fig. 4(b), and the temperature contour plots of Fig. 3 are indications the
system is changing from a buoyancy driven flow to an inertial driven flow,
thus enhancing mixing/heating.
4.2 Flow Rate Analysis: Fabric System
The fabric system was also simulated for the same volumetric flow rates as
the diffuser system. Figure 7 shows the domain after t = 50 seconds for the
ASHRAE’s minimum and 5 times recommended flow rate. As in the diffuser
case, the ASHRAE minimum flow rate and 2 times the minimum flow rate
was not sufficient enough to heat the room. However, contours extend down
into the room farther than the diffuser system. The warmer air did reach the
floor in the simulations of 5, 10, and 21 times the minimum recommended flow
rate.
For most of the metrics of efficiency, the fabric system displays similar behav-
ior as the diffuser system in that the metrics increase as the flow rate increases.
The mean temperature of the room increases as the flow rate increases as seen
in Fig. 8(a). As expected, the mean air speed and the air speed standard de-
viation increases with flow rate as seen in Figs. 9(a) and 9(b). These trends
represent increase of mixing and associated improvement in thermal perfor-
mance. This results in more efficient heating as displayed by the net amount
of energy absorbed by the room shown in Fig. 6.
Similar to the diffuser case, the exception to the increasing trend is the tem-
perature standard deviation within the room which can be seen in Fig. 8(b).
However, the mode shift occurs earlier for the fabric system than the diffuser
system. The mode shift (from a predominantly buoyant flow to an inertial
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flow) occurs between 2 times the ASHRAE minimum flow rate, and 5 times
the ASHRAE minimum flow rate. The increase in mixing efficiency reduces
the temperature standard deviation.
4.3 Analyzing the mode-shift: buoyant versus inertial flows
From the individual comparison of the two systems, both the fabric and dif-
fuser systems exhibited a mode shift in the heating mechanism from a buoy-
ancy driven system to a more inertial driven system as seen in the contour
plots of Figs. 3 and 7. This mode-shift is mimicked by temperature stan-
dard deviation, which can be seen in Figs. 4(b) and 8(b). The Richardson
number, the ratio of buoyancy forces to inertial forces, was calculated to
characterize and confirm this change. The Richardson number is defined by
Ri = gβLc (Tin − Tµ) /V
2
µ , where Ri is the Richardson number, g is accel-
eration due to gravity, β is the coefficient of thermal expansion, Lc is the
characteristic length of the room (taken to be the height of the room), Tin is
the temperature of the air entering the room, Tµ is the mean temperature of
the room at t = 50 seconds, and Vµ is the mean airflow of the room at t = 50
seconds.
The Richardson number for the diffuser system is approximately one order of
magnitude higher than the fabric system as seen in Fig. 10. This means that
overcoming the buoyant forces in the diffuser system is much harder than the
fabric system. This results in the diffuser system needing a higher flow rate
to over come the critical Richardson number to cause the mode shift in the
temperature standard deviation (due to an increase in mixing). Also note that
this earlier mode-shift can also be attributed to the higher momentum of the
fluid exiting the fabric ducting, making it easier for the fluid to overcome the
buoyant forces thus enhancing mixing. The critical Richardson number occurs
between the 10 and 21 times the ASHRAE minimum flow rate for the diffuser
system, and 2 and 5 times the ASHRAE minimum flow rate for the fabric
system. 5
4.4 Comparing the Diffuser System with the Fabric System: Transient and
Steady State Behavior
Iso-contours of the temperature for the diffuser and fabric system at the high-
est flow rate are shown in Figs. 11 and 12. Figures 11 and 12 indicate the
5 Since the mode shift only occurred in the largest flow rate, and since the highest
flow rate is the only flow rate in which both rooms were fully heated, subsequent
direct comparison between the two system was only done for the largest flow rate.
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presence of fewer temperature contours in the fabric system room than the
diffuser system. This shows that the temperature distribution of the diffuser
system had warm and cold spots within the room. In contrast, the fabric
system presented a more uniform temperature distribution after 50 seconds.
Lower air velocities created by the diffuser were significantly affected by the
outlet as the air flow entered the room. In the diffuser system, the airflow was
drawn towards the outlet, which caused the temperature distribution in the
room to be unsymmetrical. The smaller holes in the fabric system help force
the airflow down into the room due to greater fluid momentum and the outlet
subsequently had little effect on the airflow.
The diffuser and fabric systems were compared directly using the quantitative
metrics used in the individual analysis of both systems. The temperature field
was used to investigate and compare important measures for efficiency (and
in some sense, comfort), which indicated the overall mean temperature of the
room, volumes of high temperature gradients, and warm/cold spots within
the space. Figure 13 shows that the mean temperature of the fabric ducting
system increased more rapidly than the throw diffuser system. The faster
increase in temperature resulted in the fabric system requiring 37.75 seconds
and 67.61 kilowatts to increase the temperature of the room to 290.94 Kelvin
as compared to 50.00 seconds and 89.54 kilowatts for the throw diffuser system.
Figure 13 shows that the standard deviation of the temperature distribution
was smaller in the fabric ducting system than the throw diffuser system. The
increase in the standard deviation of the diffuser system was due to the warm
and cold spots near the floor and ceiling as seen in Fig. 12. The fabric system
thermally performed better than the throw diffuser system in the context of
reducing warm and cold spots for a given flow rate.
The air speed within the room provides a specific metric on drafts within the
room, indicating the overall breeziness of the room. Figure 14 shows that for
the particular flow rate chosen, the diffuser had a smaller mean air speed within
the room. The smaller holes of the fabric ductwork increase the air speed
within the room. Figure 14 shows that the large air speeds within the fabric
ductwork room were localized since the standard deviation was much larger
than the diffuser system. The larger air speeds within the fabric ductwork
room do allow the fresh warm airflow to penetrate farther into the room. The
better penetration allows for better air quality in the breathing zones of the
occupants. The diffuser system showed lower and more uniform air speeds
than the fabric system for the chosen flow rate. This is the only metric where
the diffuser system out-performs the fabric system.
The power being absorbed by the room illustrates how the energy input into
the room was being utilized. Figure 15 shows that the fabric system absorbs
more power than the diffuser system. A larger percentage of the power brought
into the room by the fabric system was being used to heat the room. The
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smaller fluid momentum for the diffuser system contributed to less power
being utilized by the room. For the diffuser system, a significant fraction of
air brought into the room stayed along the ceiling, causing large amounts of
energy to escape out the outlet. The fabric system needed 21.93 less kilowatts
and 12.25 less seconds to heat the room to 290.94 Kelvin (the final mean
temperature of the diffuser room), which correlated to an energy savings
of 24.5% over the ceiling diffuser system in the transient period .
A steady state analysis was done for both the diffuser and fabric systems.
The steady state condition was determined to be after the initial transience
of the mean velocity and the standard deviation of velocity within the room.
In the steady state condition each system was evaluated in terms of comfort.
In terms of comfort the ADPI for each flow rate was evaluated.
The comfort of the room is expressed in ADPI, a large value of ADPI rep-
resents the percentage of the occupied zone that is comfortable for a high
percentage of occupants. The diffuser system, at low flow rates the room has
a low ADPI, and at higher flow rates a high ADPI as seen in Fig. 16. The low
ADPI for the diffuser system under lower flow rates is due to the low velocities
and the large thermal gradients within the room. As the flow rate increased
the ADPI increased for the diffuser system. The increase is attributed to the
airflow starting to circulate in the occupied zone, and the high thermal and
velocity gradients located near the walls which is outside the occupied zone.
The fabric system displayed to opposite behavior than the diffuser system.
At low flow rates the ADPI value is high, and at higher flow rates the ADPI
is small as seen in Fig. 16. The high ADPI values at low flow rates are due
to the penetration of the air into the domain from the small holes of the
fabric system. As the flow rate increases the ADPI drops, because the local
air velocity grows farther away from 30 feet per minute.
Both the diffuser system and the fabric system display a sudden jump in
ADPI between characteristic flow rates. The jump occurs between 0.037 m3/s
and 0.065 m3/s for the fabric system and 0.065 m3/s and 0.140 m3/s for the
diffuser system. The jump occurs at the same point at which the mode shift
occurs in the transient temperature standard deviation. The jump for each
system can be attributed to the point at which the air can penetrate to the
floor of the room. From Fig. 16 the fabric system is more comfortable in the
lower flow rates, while the diffuser system is more comfortable in the higher
flow rates.
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5 Conclusions
A computational thermal evaluation and comparison between fabric ductwork
systems and ceiling diffuser systems is presented in this paper. Transient, fully
three dimensional computational (CFD) simulations (involving multiple mil-
lion unknowns) are performed to compute flow patterns and thermal evolution
in rooms containing either conventional or fabric ductwork. High performance
computing (HPC) resources were leveraged to efficiently compute the time
varying fields to quantitatively compare the two systems. The performance of
each system was directly compared on the basis of various metrics of efficiency.
The fabric systems thermally performed better by heating the room faster
and more uniformly. The ceiling diffuser system exhibited non-homogeneous
heating of the space, resulting in warm and cold areas within the room. The
fabric system displayed a breezier space due to the high velocity inlet jets.
Our analysis also revealed that the effects of buoyancy can drastically affect
the heating of individual spaces. There exists a critical Richardson number
that the flow field must overcome to fully heat the room. The fabric system
reaches the critical Richardson number earlier than the diffuser system due
to the higher flow field velocities. The critical Richardson number influences
the mixing within the room and is manifested as mode shifts in the temporal
variation of temperature standard deviation within the room. For the flow
rates simulated, the inlet flow of the ceiling diffuser system displayed bias
towards the outlet, while the fabric system showed no bias. The higher air
speeds and the multiple inlets of the fabric system resulted in more energy
being absorbed by the room. The fabric system was determined to be 24.5%
more efficient than the ceiling diffuser system. The increase in performance
of the fabric system shows significant promise towards the use of such fabric
ducting systems in the construction of green, energy-efficient buildings.
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Table 1
Nomenclature
Common Nomenclature
c Speed of sound in the medium
cp Specific heat capacity of air
f Body forces acting on the fluid
gy Acceleration due to gravity
Ma Mach number
t Time
p Pressure
T Temperature of air
T∞ Temperature of the wall
u Velocity of air
α Thermal conductivity of air
β Thermal expansion coefficient of air
µ Dynamic viscosity of air
µT Turbulent viscosity of air
σt Turbulent Prandtl number
ρ Density of air
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Table 2
Number of degrees of freedom in each domain for the convergence test
Degrees of Freedom for Convergence Test
Fabric Ductwork Ceiling Diffuser
3,424,208 3,590,076
7,216,853 7,129,661
13,600,860 13,744,717
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Table 3
Simulation flow rates and inlet Reynolds numbers
N*ASHRAE Min Volumetric Flow Inlet Re Inlet Re
(-) Rate (m3/s) Fabric (-) Diffuser (-)
1 0.00653 3,488 4,069
2 0.01310 6,975 8,138
5 0.03270 17,438 20,344
10 0.06530 34.876 40,688
21 0.14000 69,752 81,377
22
Table 4
L2 Error norm for convergence
L2 Error norm for convergence
System Ceiling Diffuser Fabric Ductwork
Discretization (Elements) 512,868 1,018,523 519,921 1,030,979
Mean temperature 8.16e-05 2.66e-05 8.72-05 2.81e-05
Deviation temperature 0.0234 0.0119 0.0801 0.0247
Mean air speed 0.0218 0.0107 0.0511 0.0219
Deviation air speed 0.00338 0.00204 0.0333 0.0114
Power absorbed by room 0.0333 0.0172 0.0280 0.00976
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Figure captions
Figure 1: (a) Example of a conventional ductwork system, (b) Example of a
fabric ductwork system
Figure 2: Domain of diffuser system (a) near view of the diffuser (b) domain
of the fabric system (c) near view of the fabric tube (d)
Figure 3: Iso-contours of temperature of the diffuser system at t = 50 seconds
for two flow rates. (a) 3D contour at the ASHRAE minimum flow rate, (b)
x-plane center slice at the ASHRAE minimum flow rate (c) 3D contour at
21 times the ASHRAE minimum flow rate, and (d) x-plane center slice at 21
times the ASHRAE minimum flow rate.
Figure 4: (a) Mean of the temperature field in the room for the diffuser system
under multiple flow rates vs. time, (b) Standard deviation of the temperature
field in the room for the diffuser system under multiple flow rates vs. time.
Figure 5: a) Mean of the velocity field in the room for the diffuser system
under multiple flow rates vs. time, (b) Standard deviation of the air speed in
the room for the diffuser system under multiple flow rates vs. time.
Figure 6: Power absorbed by the room for the (a) diffuser and (b) fabric
systems under multiple flow rates vs. time.
Figure 7: Iso-contours of temperature of the fabric system at t = 50 seconds
for multiple flow rates. (a) 3D contour at the ASHRAE minimum flow rate,
(b) x-plane center slice at the ASHRAE minimum flow rate, (c) 3D contour at
5 times the ASHRAE minimum flow rate, (d) x-plane center slice at 5 times
the ASHRAE minimum flow rate.
Figure 8: (a) Mean of the temperature field in the room for the fabric system
under multiple flow rates vs. time, (b) Standard deviation of the temperature
field in the room for the fabric system under multiple flow rates vs. time
Figure 9: (a) Mean of the velocity field in the room for the fabric system
under multiple flow rates vs. time, (b) Standard deviation of the air speed in
the room for the fabric system under multiple flow rates vs. time
Figure 10: The Richardson Number for the fabric and diffuser system for the
simulated flow rates at t = 50 seconds
Figure 11: Iso-contours of temperature of the (a) diffuser system at t = 10
seconds, (b) fabric system at t = 10 seconds, (c) diffuser system at t = 30
seconds, (d) fabric system at t = 30 seconds, (e) diffuser system at t = 50
seconds, (f) fabric system at t = 50 seconds.
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Figure 12: Temperature contour slice of the center x-plane (a) diffuser system
at t = 10 seconds, (b) fabric system at t = 10 seconds, (c) diffuser system
at t = 30 seconds, (d) fabric system at t = 30 seconds, (e) diffuser system at
t = 50 seconds, (f) fabric system at t = 50 seconds.
Figure 13: (a) Mean of the temperature field in the room for both the diffuser
and fabric system vs. time, (b) Standard deviation of the temperature field in
the room for both the diffuser and fabric system vs. time.
Figure 14: (a) Mean of the velocity field in the room for both the diffuser and
fabric system vs. time, (b) Standard deviation of the velocity field in the room
for both the diffuser and fabric system vs. time.
Figure 15: Power absorbed by the room for the diffuser and fabric systems vs.
time.
Figure 16: Air Distribution Performance Index for the Fabric and Diffuser
ductwork systems for multiple flow rates.
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(a) (b)
Fig. 1. (a) Example of a conventional ductwork system, (b) Example of a fabric
ductwork system
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(a) (b)
(c) (d)
Fig. 2. Domain of diffuser system (a) near view of the diffuser (b) domain of the
fabric system (c) near view of the fabric tube (d)
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(a) (b)
(c) (d)
Fig. 3. Iso-contours of temperature of the diffuser system at t = 50 seconds for two
flow rates. (a) 3D contour at the ASHRAE minimum flow rate, (b) x-plane center
slice at the ASHRAE minimum flow rate (c) 3D contour at 21 times the ASHRAE
minimum flow rate, and (d) x-plane center slice at 21 times the ASHRAE minimum
flow rate.
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(a) (b)
Fig. 4. (a) Mean of the temperature field in the room for the diffuser system under
multiple flow rates vs. time, (b) Standard deviation of the temperature field in the
room for the diffuser system under multiple flow rates vs. time.
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(a) (b)
Fig. 5. (a) Mean of the velocity field in the room for the diffuser system under
multiple flow rates vs. time, (b) Standard deviation of the air speed in the room for
the diffuser system under multiple flow rates vs. time.
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(a) (b)
Fig. 6. Power absorbed by the room for the (a) diffuser and (b) fabric systems under
multiple flow rates vs. time.
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(a) (b)
(c) (d)
Fig. 7. Iso-contours of temperature of the fabric system at t = 50 seconds for multiple
flow rates. (a) 3D contour at the ASHRAE minimum flow rate, (b) x-plane center
slice at the ASHRAE minimum flow rate, (c) 3D contour at 5 times the ASHRAE
minimum flow rate, (d) x-plane center slice at 5 times the ASHRAE minimum flow
rate.
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(a) (b)
Fig. 8. (a) Mean of the temperature field in the room for the fabric system under
multiple flow rates vs. time, (b) Standard deviation of the temperature field in the
room for the fabric system under multiple flow rates vs. time
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(a) (b)
Fig. 9. (a) Mean of the velocity field in the room for the fabric system under multiple
flow rates vs. time, (b) Standard deviation of the air speed in the room for the fabric
system under multiple flow rates vs. time
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Fig. 10. The Richardson Number for the fabric and diffuser system for the simulated
flow rates at t = 50 seconds
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(a) 10(sec) (b)
(c) 30(sec) (d)
(e) 50(sec) (f)
Fig. 11. Iso-contours of temperature of the (a) diffuser system at t = 10 seconds,
(b) fabric system at t = 10 seconds, (c) diffuser system at t = 30 seconds, (d) fabric
system at t = 30 seconds, (e) diffuser system at t = 50 seconds, (f) fabric system at
t = 50 seconds. 36
(a) 10(sec) (b)
(c) 30(sec) (d)
(e) 50(sec) (f)
Fig. 12. Temperature contour slice of the center x-plane (a) diffuser system at t = 10
seconds, (b) fabric system at t = 10 seconds, (c) diffuser system at t = 30 seconds,
(d) fabric system at t = 30 seconds, (e) diffuser system at t = 50 seconds, (f) fabric
system at t = 50 seconds.
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(a) (b)
Fig. 13. (a) Mean of the temperature field in the room for both the diffuser and
fabric system vs. time, (b) Standard deviation of the temperature field in the room
for both the diffuser and fabric system vs. time.
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(a) (b)
Fig. 14. (a) Mean of the velocity field in the room for both the diffuser and fabric
system vs. time, (b) Standard deviation of the velocity field in the room for both
the diffuser and fabric system vs. time.
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Fig. 15. Power absorbed by the room for the diffuser and fabric systems vs. time.
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Fig. 16. Air Distribution Performance Index for the Fabric and Diffuser ductwork
systems for multiple flow rates.
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